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This paper refers to recovering waste heat from the hot gases exhausted by internal combustion engines
(ICEs) driving electric generators (EGs) at full and partial load. The topic is of particular interest for devel-
oping countries where electric grids are underdeveloped or missing and electricity is generated locally by
using classical fuels. The heat recovery system is based on an Organic Rankine Cycle (ORC). A novel
method is proposed for the optimum design of ORC-based systems operating in combination with ICE
at partial EG loads. First, ORC-based systems coupled with ICEs operating at full EG load is treated.
Specific results for the operation at full EG load are as follows: (i) the optimum superheating increment
ranges between 30 and 40 �C, depending on the type of the working fluids; (ii) a pinch point temperature
difference exits between the flue gas temperature and the working fluid at the evaporator inlet; (iii) the
total area of the evaporator is very close to the total area of the condenser, a fact which facilitates man-
ufacturing; (iv) the surface area of the preheater zone is about 75% of the total surface area, while those of
the boiler zone and superheater zone is about 13.5% and 11.5%, respectively. Second, the case of the ORC-
based systems coupled with ICEs operating at partial EG load is considered. Specific results for this case
are as follows: (v) the net power may be maximized by optimizing the working fluid mass flow rate; (vi)
when the ICE is coupled with an ORC-based system, the overall thermal efficiency of the combined sys-
tem, gICE-ORC, is higher than the thermal efficiency of the ICE operating alone. As an example, for the case
treated here, gICE-ORC is higher than gICE, by 6.00%, 5.85% and 5.91%, for EG loads of 100%, 75% and 50%,
respectively.

� 2017 Elsevier Ltd. All rights reserved.
1. Introduction

Electrical energy is the most used form of energy. In developing
countries, a wide-spread power grid is lacking and electricity pro-
duction depends on local electric generators (EG). These generators
are usually driven by internal combustion engines (ICE). Approxi-
mately 30% to 40% of the fuel energy in ICEs is being converted into
useful mechanical work and the rest is residual heat expelled into
environment through flue gases and engine cooling systems [1].
Recovery and utilization of this waste heat saves fossil fuels and
reduces the amount of heat lost and greenhouse gases released
into the environment. Also, the waste heat may be used for elec-
tricity generation, by increasing the effectiveness of the combina-
tion ICE-EG.

The organic Rankine cycle (ORC) systems are well suited to
recover waste heat from sources of low and medium temperature.
In Europe, power generation with ORC-based systems of waste
heat coming from ICEs is already well established technology and
such systems can be found on the market. A number of such sys-
tems has been already installed in the recent years in Italy at Pavia
(0.6 MWe), Portogruaro (0.6 MWe), Catania (0.6 MWe), Pescara
(0.7 MWe), Chivasso (1 MWe), Pisticci (1.8 MWe) and Pisticci Scalo
(4 MWe), in Germany at Kempen (0.6 MWe) and Senden (1 MWe)
and in Finland at Ammassuo, Espoo (1.3 MWe) [2]. Note that all
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these projects involve rather large installed power (more than
0.5 MWe) and were implemented in industrialized countries,
where high level technologies are available. Most situations of
practical interest in developing countries refer to smaller installed
capacities, of the order of tens of kW. Such a small scale application
is considered in this paper.

The performance of coupled ICE – ORC-based heat recovery sys-
tems has been studied in several recent studies and important
results were reported. They belong to two different themes and
are briefly presented next.

Several studies involved first law and second law analysis for
the steady state operation of simple ORC configurations, with
emphasis on the waste heat recovery from exhaust gas, cooling
water or lubricant. Working fluids were also under discussion. Vaja
and Gambarotta [3] developed a thermodynamic model with the
purpose to efficiently match a vapor cycle to that of a stationary
ICE. First, a parametric analysis was conducted in order to deter-
mine the optimal evaporating pressures for each fluid. Subse-
quently, three different cycle setups were considered: a simple
cycle using only the engine exhaust gases as a heat source, a simple
cycle using the exhaust gases and the engine cooling water and a
regeneration-based cycle, respectively. A second law analysis was
performed, which demonstrated that 12% increase in the overall
efficiency can be achieved with respect to the engine with no bot-
toming; nevertheless it has been observed that the ORC can
recover only a small fraction of the heat released by the engine
through the cooling water. A steady-state energy balance and
exergy analysis was presented by He et al. [4] for ICE operation.
Different characteristics of the waste heat from the exhaust gas,
cooling water, and lubricant have been considered. Suitable work-
ing fluids to be used in high-temperature ORC were proposed and
the performance of a combined thermodynamic cycle has been
analyzed. Results showed that more waste heat can be recovered
by using the combined cycle, compared with the traditional cycle
configuration. Wang et al. [5] analyzed the characteristics of a
novel system combining a gasoline engine with a dual loop ORC
which recovered waste heat from both the exhaust and coolant
systems. A high temperature loop recovered the exhaust heat
while a low temperature loop recovered both the residual heat
from the high temperature loop and the coolant heat. Results
showed that the low temperature loop net power was higher than
the high temperature loop net power and the relative output
power improved by 14–16% in the peak thermal efficiency region
and by up to 50% in the small load region. The overall effective
thermal efficiency increased by 3–6%. Boretti [6] studied the recov-
ery of waste heat from exhaust gases and coolants via ORCs. The
system was a hybrid vehicle powered by a 1.8 L naturally aspirated
gasoline engine. The ORC systems fitted on the exhaust and the
coolant lines enabled an increase in the fuel conversion efficiency
of up to 6.4% and 2.8% individually, and by up to 8.2% when both
ORC systems were considered.

A special interest has been given in literature to different ORC
configurations and working fluids to recover heat from exhaust
gas and engine coolant. Shu et al. [7] compared the performance
of three regenerative dual-loop ORC systems with the performance
of a simple ORC system. Waste heat of the exhaust, engine coolant
and residual heat of the high temperature (HT) loop was recovered
by these four systems. The optimization of the operation parame-
ters was carried out, followed by an irreversibility analysis. Results
showed that the low condensation temperature at the HT loop was
beneficial for the performance optimization. The inlet turbine tem-
perature in the HT loop should be high for wet fluids in subcritical
cycle and low for dry fluids in both subcritical and transcritical
cycles. Xi et al. [8] examined the performances of three different
ORC systems, including the basic ORC (BORC) system, the single-
stage regenerative ORC (SRORC) system and the double-stage
regenerative ORC (DRORC) system, using six different working flu-
ids under the same waste heat conditions. The operation of the
ORC systems has been optimized for using each working fluid.
Results showed that for all working fluids, the DRORC system gave
the best thermal and exergy efficiency, followed by the SRORC sys-
tem, while the BORC system had the poorest efficiency. R11 and
R141b were recommended as suitable working fluids for ORC sys-
tems, due to their superior thermodynamic performances. Yu et al.
[9] presented a simulation model based on an actual ORC bottom-
ing system of a diesel engine. The ORC system was built to recover
waste heat both from engine exhaust gas and jacket water using
R245fa as a working fluid. Results indicated that, approximately
75% and 9.5% of exhaust gas and jacket water waste heat, respec-
tively, have been recovered under engine conditions ranging from
high loads to low loads. The ORC system performed well under the
rated engine conditions, with expansion power up to 14.5 kW,
recovery efficiency up to 9.2% and exergy efficiency up to 21.7%.
Combined with the bottoming ORC system, the diesel engine ther-
mal efficiency was improved by up to 6.1%. Wang et al. [10] studied
Rankine cycle-based exhaust energy recovery systems on heavy-
duty diesel engines and light-duty vehicle gasoline engines. The
influences of evaporating pressure, engine type and load on the
system performances were analyzed with multiple objectives,
including improving thermal efficiency and reducing CO2 emis-
sions, the total heat transfer area per net power, the cost of produc-
ing electricity and the payback period. Results revealed that higher
pressures and engine loads were desirable for better performances.
Shu et al. [11] proposed a novel dual-loop ORC, which consisted of
a high-temperature loop and a low-temperature loop to recover
the exhaust and engine coolant waste heat and the HT loop resid-
ual heat. The objective functions were the net power, the utiliza-
tion rate of the engine coolant, the dual-loop ORC thermal
efficiency and the exergy efficiency. Results showed that the max-
imum net power, utilization rate of the engine coolant and exergy
efficiency were 36.77 kW, 96.8% and 55.05%, respectively. For all
working fluids, the system performed better at high operating load.
R1234yf was found to be a better working fluid for high operating
load. R124 exhibited the poorest performance under all operating
loads.

The present paper brings two different kinds of original contri-
butions: it covers a new research topic and it comes with several
improvements concerning the formal treatment. Few details about
these two aspects are presented below.

The short previous review showed that the existing literature is
poor in studies related to the utilization of the power generated by
ORC-based heat recovery systems from ICEs in driving EGs at par-
tial load. Note that few authors focused on ORC-based heat recov-
ery systems from ICEs operating at partial load [9]. However, their
results may be extrapolated to the case of EGs operating at partial
loads only when linearity exists between partial loads of ICEs and
partial loads of EGs. This linearity is still in need to be proven.
Therefore, a major aspect of practical interest in developing coun-
tries is considered in this paper, i.e. power generated by ORC-based
heat recovery systems from ICEs in driving partial loaded EGs.

The formal treatment brings several original contributions,
which are shortly described next. First, the operation conditions
were usually defined in a way which is specific to the ICE charac-
teristics (see [9] for instance, where five ICE operation conditions
were treated). This makes generalization difficult and prompted
us to define the operation regime of the ICE in a more clear way,
in terms of the full EG load operation. The performance of ORC-
based systems in combination with ICE operating at partial EG load
is analyzed here. Second, the models developed in previous studies
were based on different scenarios concerning the input data. In this
paper an important step forward is made. Input data come from
experiments on ICE flue gases temperature and mass flow rate.



Table 1
Main ICE characteristics [14].

Parameter Symbol Specification Units

Engine type (model) ـــ 4-Cylinder ـــ
Power PICE 37.7 kW
Piston stroke S 110 mm
Compression ratio CR 18:1 ـــ
Lower heating values of fuel LHV 43 MJ/kg
Flue gas temperature tg 289–480 �C
Cylinder diameter D 98 mm
Rotation speed xn 1500 rpm
Flue gas mass flow rate _mg 192.2–192.6 kg/h
Water jacket mass flow rate _mw 327.6–1105.5 kg/h
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Third, a novel ORC design methodology is proposed, which
involves two steps. Step one refers to developing a steady state
model for waste heat recovery based on energy balance equations.
This model enables the determination of the optimum operation of
ORC-based systems coupled with partially loaded EGs. The second
step involves the design of the heat exchangers geometry, which
allows maximum power output. Basically, the design method con-
sists of finding the optimum evaporator pressure and designing the
geometry of the evaporator and condenser associated with the
maximum net power in correlation with the working fluid. A sim-
ilar design methodology is presented in [12]. A procedure is pro-
posed here for the operation of the ORC-based system, involving
continuous optimization of the working fluid mass flow rate to
obtain maximum power.

The paper is organized as follows. First, the experimental setup
is presented in Section 2. Section 3 describes the ORC system while
the ORC model and its validation are presented in Section 4. Sec-
tion 5 shows results, including a procedure for the design of ORC
systems. Conclusions are listed in Section 6.
Fig. 2. Electric load simulator.
2. Experimental setup

The heat recovery from a commercial automotive ICE is consid-
ered in this paper. It is a 3.3 L (0.83 L/cylinder), compression igni-
tion, four-cylinder engine located in the Thermal Research
Center, Faculty of Mechanical and Mechatronics Engineering,
University POLITEHNICA of Bucharest. This ICE is driving an EG
manufactured by Yanmar (model type 4TNV98TGGEHR). The
experimental setup is shown in Fig. 1.

The engine technical characteristics of the ICE and the fuel spec-
ifications are presented in Table 1 [14].

Experimental data measured during the operation of this engine
are used as input when the ORC-based system is analyzed. The two
major primary sources of waste heat from an ICE are the engine
flue gas (medium-grade) and engine coolant (low-grade). Two
thermal parameters are of interest. The first parameter is the tem-
perature of flue gas, which is measured after the turbocharger. The
second parameter is the water jacket inlet temperature.

In practice, the EG (item #2 in Fig. 1) is coupled with a con-
sumer of electric energy. The electric demand is simulated here
by using an electric simulator consisting of six electric heaters
equipped with cooling fans and a two-stage adjustment of the elec-
trical load Fig. 2. Each stage means 4.1 kWe. The bench is fitted
with an acquisition and data storage system that consists of a pro-
Fig. 1. The experimental setup. 1 – ICE (Diesel engine); 2 – EG (electric generator);
3 – flue gas pipe; 4 – fuel tank; 5 – air flow meter; 6 – automation and data
acquisition panel; 7 – air flow pipe and 8- turbocharger [13].
grammable logic controller (PLC) connected to a personal com-
puter (PC).

Experiments are performed at different EG loads (50%, 75% and
100%) at engine rotation speed of about 1500 rpm.
3. Organic Rankine cycle system

The ORC may be coupled to the ICE in different ways, depending
on different waste heat sources. Three different configurations for
heat recovery from the flue gas of the ICE and from the coolant
used by the ICE were analyzed in [15]. The amount of heat recovery
and the cycle output power for these configurations depend on
their characteristics. The investment is however proportional with
the complexity of the configuration. The simplest and less expen-
sive configuration is considered here. It involves heat recovery
from flue gas. This choice is justified by the heat recovery potential
of the hot flue gas, which is much higher than that of the coolant.

The ORC-based heat recovery system considered in this paper
consists of an expander, a condenser, an evaporator (heat recovery
unit), a working fluid pump and other auxiliary equipment. As
shown in Fig. 3, through process 1–2, the working fluid pressure
is increased by the pump, then it enters the evaporator and is con-
verted to saturated vapor by receiving heat from the flue gas (pro-



Fig. 3. Simple ICE-ORC configuration.
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cess 2–3). The symbols Tgin and Tgout represent the inlet flue gas
temperature to the evaporator and the outlet temperature, respec-
tively. Next, the working fluid enters the expander and generates
mechanical power (process 3–4). After the expander, the working
fluid enters the water cooled condenser where it is converted into
saturated liquid and releases heat (process 4–5). After the con-
denser, the working fluid re-enters the pump and the operation
cycle is repeated.
4. Model

The following basic assumptions are adopted: (i) Steady-state
conditions; (ii) No pressure drops in heat exchangers and connect-
ing pipes; (iii) The heat loss from pipes and equipment is negligi-
ble, and the flue gas heat carrier is non-condensable and non-
corrosive during the heat transfer process.

Fig. 4 shows the T-s diagram of the ORC-based heat recovery
system. The shape of the saturation curves correspond to R245fa
working fluid and has been generated using the EES software
[16]. A thermodynamic model is developed. The energy balance
Fig. 4. T-s diagram of the ORC system.
equations and the performance indicators are presented in Appen-
dix A.

4.1. Heat transfer model

4.1.1. Phase transition zones
The evaporator is conceptually divided into three zones, namely

a preheater, a boiler and a superheater, respectively, linked in ser-
ies. These zones are associated with the phase transitions of the
working fluid (Fig. 5). Though the evaporator surface is fixed, the
surface area of the three zones is changing, depending on the oper-
ation regime. Determination of the three surface areas, Apr, Ab and
Asp, respectively, is one of the objectives of the present model.

4.1.2. Fluid properties
4.1.2.1. Properties of flue gas. The properties of flue gas can be cal-
culated by using the EES software [16]. The main components in
the flue gas of Diesel engines are CO2, H2O, N2, and O2. Moreover,
the mass fractions of these components vary with the ICE operat-
ing regime. Here the following mass fractions of components for
flue gas is adopted [17]: gCO2 = 0.091, gH2O = 0.074, gO2 = 0.093,
gN2 = 0.742.

For evaporator zones, the specific heat, dynamic viscosity, con-
ductivity and Prandtl number of the flue gases depend on the gases
temperature at each zone. For example, in the evaporator zone, the
temperature of gases ranges between the outlet temperature of
flue gas (Tgout) and the inlet temperature of flue gas (Tgin). There-
fore, the average temperature of flue gas in the evaporator (Ttot)
is given by:

Ttot ¼ Tgin þ Tgout

2
ð1Þ

Similarly, in the preheater zone, the bulk temperature of flue gases
(Tpr) is given by:

Tpr ¼ Tgout þ TgL

2
ð2Þ

and the bulk temperature of the flue gases in the boiler zone (Tb) is
given by:

Tb ¼ TgL þ TgV

2
ð3Þ
4.1.2.2. Properties of cooling water. For the two zones of the con-
denser, the specific heat, dynamic viscosity, conductivity and
Prandtl number of the cooling water depends on the water temper-



Fig. 5. The three zones of the evaporator (preheater, boiler, superheater).
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ature at each zone. For example, in the desuperheater zone, the
cooling water temperature ranges between the temperature of
water outlet (Twout) and the temperature of cooling water inlet,
Two. So, the bulk temperature of cooling water (Tdes) is given by:

Tdes ¼ Twout þ Two

2
ð4Þ

For the condensation zone, the bulk temperature of cooling water
(Tcon) is given by:

Tcon ¼ Twin þ Two

2
ð5Þ
4.2. Logarithmic-mean temperature difference method (LMTD)

The logarithmic mean temperature difference (LMTD) method
is often used during heat exchanger analysis [18,19]. The LMTD
is defined as:

DTm ¼ DTmax � DTmin

ln DTmax
DTmin

� � ð6Þ

where DTmax is the maximum temperature between the two fluids
at each end of the heat exchanger, and DTmin is the minimum tem-
perature between the two fluids.

4.3. Overall heat transfer coefficients and zone surface areas

Details about the overall heat transfer coefficients and zone sur-
face areas are given in Appendix B.

4.4. Heat fluxes and heat recovery efficiency

The following equations can be used to determine the heat
fluxes rejected from the condenser and the heat fluxes released
from the desuperheater and condensation zones, respectively:

_Qrej ¼ _mwCwðTwout � TwinÞ ð7Þ

_Qdes ¼ _mrefðh4r � h5Þ ð8Þ

_Qcondensation ¼ _mrefðh5 � h1Þ ð9Þ
Note that:

_Qrej ¼ _Qdes þ _Qcondensation ð10Þ
The heat available in the flue gas can be only partially recovered
using the ORC technology. An efficiency indicator for the heat
recovery process, which actually takes place in the evaporator,
has been proposed in [20]. The heat recovery efficiency (ƞr) is
defined by the ratio of the heat flux absorbed by the working fluid
from the flue gas, and the maximum heat flux which can be recov-
ered from the flue gas, _Qmax [20]:
gr ¼
_Qgases

_Qmax

ð11Þ
where _Qmax is given by:
_Qmax ¼ _mgCp;g½Tgin � ðT2 þ DTambÞ� ð12Þ
In Eq. (12) _mg is the mass flow rate of the flue gas, Cp;g is the

specific heat at constant pressure of the flue gas and the term
T2 þ DTamb stands for the minimum theoretical value of the flue
gas temperature at the exit of the evaporator, which can be
achieved for a given application.
4.5. Model implementation and validation

The model is implemented under the EES environment. Most
previous studies validated the models by comparison with results
by others authors, which, in turn, were obtained by simulation
[3,9,11]. Therefore, this sort of validation is in fact a model inter-
comparison. The same procedure is used here. Comparison with
results reported in [19] (obtained by simulation, using measured
data input) are performed. The input data used here are [21]:
tev = 131.5 �C, pev = 24 bar, increment of superheating = 35 �C.

Fig. 6 shows good agreement between results obtained by using
the present model and results reported in [21]. The heat flux trans-
ferred in preheated and boiler in the present work is slightly higher
than that of [21], while the heat flux received in the superheater in
[21] is slightly higher than that of the present work (Fig. 6a). Fig. 6b
shows that the ratio of preheated area in the present work is very
close to that of [21] while the present ratio of boiler area is slightly
higher than that of [21], similarly with the working fluid mass flow
rate (Fig. 6c) and the temperature of the gas at the medium points
(a), (b) presented in Fig. 5 (Fig. 6d). The ratio of superheater area in
[21] is slightly higher than that of the present work (Fig. 6b).



Fig. 6. Comparison between results obtained in present work and reference study [21].
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5. Results

In Section 5.1 the performance of ORC-based systems for differ-
ent operation regimes is treated. Based on these results, an original
method is proposed in Section 5.2 for the design of ORC-based sys-
tems for the recovery of waste heat by internal combustion engi-
nes, used to driving electric generators. As a novelty, the design
method covers the optimum operation of ORC-based systems cou-
pled with partially loaded EGs. The method consists of finding the
optimum evaporator pressure and designing the geometry of the
evaporator and condenser associated with the maximum net
power. A procedure based on the continuous optimization of the
working fluid mass flow rate is also proposed for the operation of
the ORC-based system.
Table 2
Main input data.

Parameter Specification Value Units

Ambient temperature tamb 20 �C
Inlet water temperature of cooling system twin 20 �C
Outlet water temperature of cooling system twout 30 �C
Pump efficiency ƞP 0.8 ــــــ

Expander efficiency ƞexp 0.7 ــــــ

Inside diameter of inner heat exchanger tube di 0.03 m
Outside diameter of inner heat exchanger tube do 0.04 m
Outside diameter of outer heat exchanger tube D 0.06 m
Table 2 shows input data used in present analysis. These data
are kept unchanged except for the values of the flue gas tempera-
ture and flue gas mass flow rate.

The results obtained in the paper apply for isentropic fluids.
Note that when dry fluids are used the configuration of the ORC-
based system is different from that of Fig. 3. First, the superheater
is not needed when dry fluids are used. Second, the ORC-based sys-
tem must be equipped with a counter-current heat exchanger (gas
to liquid), which is placed between the outlet of the expander and
the inlet of the condenser (on the hot side) and between the output
of the pump and the inlet of the evaporator (on the cold side). The
reason is that the fluid has not reached the two-phase state at the
end of the expansion; its temperature at this point is higher than
the condensing temperature. This higher temperature fluid can
be used to preheat the liquid before it enters the evaporator. The
power required from the heat source is therefore reduced and
the efficiency is increased.
5.1. Performance of ORC-based systems for different ORC operation
regimes

The performance of the ORC-based systems depends signifi-
cantly on the ORC operation regime. Fig. 7 shows that the surface
area of the superheater increases and the boiler area decreases,
by increasing the inlet expander temperature t3. The preheater
zone area increases by increasing t3. For t3 = 120 �C, the surface
area of the superheater is about 4% of the area of the evaporator



Fig. 7. Effect of inlet expander temperature on the area of evaporator zones at
tc = 27 �C; Superheating increment = 10 �C; EG load = 100%.
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while for the boiler and preheater, the area is 30% and 66%, respec-
tively. For t3 = 150 �C, the surface area of the superheater is about
3% of the area of the evaporator while for the boiler and preheater
the area is 15% and 82%, respectively.

Generally, the expander power increases by increasing the inlet
expander temperature (Fig. 8). When the EG operates at partial
load, the temperature of the flue gas decreases, as compared to
the case of full load. As a consequence, the expander output power
decreases.

When the EG load increases, the temperature and mass flow
rate of flue gas are increasing. Also, the inlet expander temperature
of the working fluid increases and the power of the expander
increases, too (Fig. 8).

Most previous studies about the performance of the ORC sys-
tems coupled with ICE assumed that the engine is operating at full
load. There are many practical applications when ICEs are operat-
ing at partial load. Examples are ICEs used in transportation [22]
and small district heating systems [23]. Present results confirm
that partial loaded EGs make the ICEs to operate at partial load
and this has consequences on the performance of the ORC systems.
This issue is analyzed in more details in Section 5.2.
Fig. 8. Effect of the inlet expander temperature on the expander output power for
different EG loads at tc = 27 �C.
5.2. Optimum operation of ORC-based systems coupled with partially
loaded EG

The model presented in Sections 4.1–4.4 contains the tools nec-
essary to design and estimate the performance of ORC-based sys-
tems coupled with EGs operating at partial load. However, the
model implementation is different from that of Section 4.5 and is
described in Section 5.2.1. Section 5.2.2 shows results concerning
the optimum evaporation pressure while Section 5.2.3 shows
how the ORC-based systems are designed. Finally, the performance
of the ORC-based system is evaluated in Section 5.2.4, by taking
into account the partial load of the EG/ICE. Isentropic working flu-
ids (R245fa, R123, R141b and R600a) [12,24,25] are used as
examples.

5.2.1. Model implementation and validation
Table 3 shows the input (measured) data used in case of partial

loaded EG/ICE.
The mass flow rate of the working fluid is optimized in order to

maximize the net power and to ensure that the working fluid is
superheated at the expander inlet. A code is developed under the
EES environment.

The results obtained by using the present model are compared
with results presented in [26,11], for similar operation conditions
(see Table 4). The ORCs in [26,11] have been driven by ICE flue
gas with temperature of 470 �C and mass flow rate of 0.53 kg/s.
The condensation temperature tc was 35 �C, the isentropic expan-
der efficiency was 0.7, and the isentropic pump efficiency was
0.8. The evaporation pressure varied between the condensation
pressure pcon and the critical pressure pcr. Table 5 shows good
agreement between results obtained here and in [26,11].

5.2.2. Optimum evaporator pressure
There is an optimum evaporation pressure for which the net

power reaches the maximum value. Fig. 9 shows the dependence
of the net power on the evaporation pressure, for different super-
heating increments, for R245fa. Results correspond to full EG load
(100%), which means that the heat flux driving the evaporator is
20.24 kW [27]. The optimum evaporation pressure, as well as the
maximum net power, depends on the superheating increment.
The maximum net power corresponds to a superheating increment
of 30 �C.

Other working fluids, such as R600a, R123 and R141b shows,
generally, features which are similar with those of R245fa. How-
ever, the shape of the curve describing the locus of the maximum
net power depends on the working fluid.

5.2.3. ORC system design
The optimum value of the evaporation pressure is used as input

when the ORC system is designed. The design involves three steps:
(1) computing the geometry of the ORC-based system (Sec-
tion 5.2.3.1); (2) evaluation of working fluid mass flow rate as a
function of the variable incoming heat flux in the evaporator, due
to partial loaded EG/ICE (Section 5.2.3.2) and (3) performance esti-
mation for partial loaded EG/ICE (Section 5.2.3.3).
Table 3
Input (measured) data for partial loaded electric generator.

Parameter Symbol Value Units

Flue gas mass flow rate (100% Load) _mg 0.053 kg/s
(75% Load) 0.0494 kg/s
(50% Load) 0.0475 kg/s

Flue gas temperature (100% Load) tg,in 477 �C
(75% Load) 403 �C
(50% Load) 327 �C



Table 4
Comparison between results obtained in this work and in [26,11].

Working
fluid

ORC net
power, Pnet
(kW)

ORC thermal
efficiency, gth

(%)

Condensation
pressure, pcon

(kPa)

Evaporation
pressure, pev

(kPa)

Evaporation
temperature,
Tev (K)

Working fluid mass
flow rate, m_ref (kg/s)

Specific
volumes ratio,
t4/t3

ORC specific work
output, Δh3-4 (kJ/
kg)

Reference

R11 273.7 15.90 14.72 3835.9 461.5 7.475 31.95 42.2 27
R11 290.3 16.58 14.79 3835.9 461.0 7.487 32.00 41.9 26
R11 274.9 15.97 14.79 3835.0 461.5 7.390 28.07 42.7 This work
R134a 145.9 8.47 883.8 3723.4 369.9 9.000 5.3 19.2 27
R134a 147.5 8.52 883.3 3723.4 369.9 8.966 5.0 19.4 26
R134a 147.1 8.54 887.5 3723.0 369.9 8.814 4.9 19.7 This work

Table 5
Four operation cases for the ORC-based system. All working fluids are isentropic.

Optimum
evaporation
pressure

Evaporation
temperature

Minimum
pinch point
temperature
difference

Heat flux
absorbed
in the
evaporator

ORC
net
power

ORC
thermal
efficiency

Inlet
temperature
of flue gas

Outlet
temperature
of flue gas

Working
fluid
mass
flow rate

Environmental
effects

Suitability

Operation
case

Working
Fluid

popt, bar tev, �C ΔTgpp, �C Q_source kW Pnet, kW gth, % tgin, �C tgout, �C m_ref, kg/s Yes or no

1 R245fa 33.37 149.3 102.2 20.24 2.457 12.1 477 140.3 0.0659 Very good Yes
2 R141b 36 193.9 103.9 20.24 3.361 16.6 477 140.3 0.05613 bad No
3 R123 36 182.5 101.2 20.24 3.198 15.8 477 140.3 0.07274 good Yes
4 R600a 34.71 130.6 101.4 20.24 2.112 10.4 477 140.3 0.04086 bad No

Fig. 9. Effect of evaporation pressure on net power for different superheating
increments for R245fa.
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5.2.3.1. Geometry of ORC-based system. Essentially, computing the
geometry of the ORC-based system means to determining the sur-
face areas and tube lengths of the evaporator and condenser. Four
ORC operation regimes are considered, as follows: (1) R245fa with
a superheating increment of 30 �C; (2) R141b with a superheating
increment of 40 �C; (3) R123 with a superheating increment of
30 �C; (4) R600a with a superheating increment of 30 �C (see
Table 5).
Table 6
Surface areas and lengths of the tubular evaporator and condenser for the operation cases

Operation
case

Evaporator area,
Aevap (m2)

Preheater
area (m2)

Boiler
area (m2)

Superheater
area (m2)

Condenser
Acon (m2)

1 2.189 1.687 0.2365 0.2657 2.458
2 2.731 2.039 0.3653 0.3271 2.444
3 2.406 1.973 0.1347 0.2979 2.513
4 2.03 1.544 0.1014 0.3848 2.417
The model presented in Section 4 is used to analyze the four
operation regimes of Table 5. Table 6 shows the results obtained
for the total surface area of evaporator and condenser, as well as
the surface area of the preheater, boiler, supereheater, desuper-
heater and condensation zones, respectively. Also, the lengths of
the tubular evaporator and condenser are shown.

The smallest values for the evaporator area are obtained for
operation cases #4 and #1 while the highest ones correspond to
operation cases #2 and #3. Regarding the condenser, the smallest
values of its area are obtained for operation cases #4 and #2 while
the highest ones are associated with operation cases #3 and #1.
The smallest evaporator length is obtained for operation cases #4
and #1, while the highest ones for operation cases #2 and #3.
The condenser lengths are comparable, for all operation cases.
When the evaporator is considered, for each operation case, the
preheater area has the highest value, while the area of the boiler
can be smaller or higher than the one of the superheater, depend-
ing on the operation case. In case of the condenser, the area of the
desuperheater is always smaller than the area of the condensation
zone, as expected.

The optimized cycle configuration is determined for four cases
of Table 5. For each case the condensing temperature is considered
to be 35 �C. This leads to the following condensation pressures:
case #1 2.1 bar, #2 1.1 bar, #3 1.3 bar and #4 4.6 bar, respectively.
This means that at the condenser level there is no risk of air ingress
and the technical problem of expensive sealing has been overcome.
5.2.3.2. Working fluid mass flow rate for variable heat absorbed in the
evaporator. The following two parameters related to the (output)
performance of the ORC are sensitive to the heat absorbed in the
of Table 5.

area, Desuperheater
area (m2)

Condensation
area (m2)

Evaporator
length, Lev (m)

Condenser
length, Lcon (m)

0.3319 2.126 17.6 19.57
0.2689 2.175 21.75 19.46
0.2969 2.216 19.15 20
0.3762 2.095 16.16 19.67
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evaporator: the expander output power and the net output power,
respectively. Both parameters may be maximized by optimizing
the working fluid mass flow rate. By optimizing the working fluid
mass flow rate, the expander output power is maximized firstly.
Secondly the maximized value of the net output power is com-
puted by subtracting from the maximized expander output power
the power of the pump, which has a certain computed value.
Therefore, the two outputs are not independent of each other.

First, the expander output power is considered.
At this stage the geometry of the evaporator and condenser is

designed as shown in Section 5.2.3.1. Assume, in addition, that
the mass flow rates of the ORC working fluid and coolant fluid in
the condenser are fixed. Then, changing the heat flux absorbed in
the evaporator makes the state 3 in all subfigures of Fig. 10 to
move. Depending on the amount of incoming heat, the state 3
may belong to the superheated region or to the wet vapor region.
However, proper expander operation requires the state 3 be placed
in the superheated region, for any value of the incoming heat flux.
Since the geometry is fixed, this may be ensured by an appropriate
change of the working fluid mass flow rate. The design objective is
to find that specific optimum working fluid mass flow rate which
maximizes the expander output power.

As an example, an ORC-based system (using R245fa as working
fluid) coupled with an EG/ICE operating at full or partial load is
considered. The variable ICE load is associated with variable flue
gas temperature entering the evaporator, tg,in, and with variable
Fig. 10. T-s diagram for R245fa, for different EG/ICE loads. (a) 100% EG/ICE load; (b) sam
rate; (d) 50% EG/ICE load, same working fluid mass flow rate as in (a); (e) same as (d) b
heat flux transferred to the evaporator, Q_tot. Fig. 10a–e shows the
results. When the EG/ICE load changes, the temperature of flue
gas changes. Therefore, the position of state 3 moves when the
EG/ICE load is changing, as expected. Also, the optimum mass flow
rate of the working fluid is changing.

Next, the net output power is considered.
The dependence of the net power on the mass flow rate of the

isentropic working fluid R245fa at full and partial load of the EG/
ICE is shown in Fig. 11a–c. The maximum net power decreases
by decreasing the percentage of the EG load since the temperature
of the flue gas decreases in this case. The optimum mass flow rate
decreases, too.

5.2.3.3. Performance estimation for partial loaded EG. Partial loaded
EGs make the ICE to operate at partial load. Changing the mass flow
rate at partial ICE load is associated with changes of other
quantities.

The power consumed by the pump increases by increasing the
working fluid mass flow rate (Fig. 12). The power generated by
the expander has a maximum in respect with the mass flow rate.
Similarly, the net power is a maximum, corresponding to the opti-
mum mass flow rate. For the particular case of Fig. 12, the opti-
mum mass flow rates that lead to a maximum net output power
for the working fluid R245fa are as follows: 0.06327 kg/s,
0.04653 kg/s and 0.03204 kg/s for 100% EG load, 75% EG load and
50% EG load, respectively. Also, in Fig. 12 one can see that the mass
e as (a) but 75% EG/ICE load; (c) same as (b) but optimum working fluid mass flow
ut optimum working fluid mass flow rate is considered.



Fig. 11. Effect of working fluid mass flow rate on net power for R245fa at different EG loads. (a) 100% EG load; (b) 75% EG load; (c) 50% EG load.
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flow rate values corresponding to the maximum power generated
by the expander are higher than the ones that correspond to the
maximum net power.

The total heat flux generated in the ICE by fuel combustion is
given by [28]:

Ptot ¼ _mfuelLHV ð13Þ
where LHV denotes the lower heating value of the fuel. The thermal
efficiency of the ICE is calculated by:

gICE ¼
PICE

Ptot
ð14Þ

where PICE is the ICE power. The thermal efficiency of the ICE com-
bined with the ORC-based system may be computed by:

gICE�ORC ¼ PICE�ORC

Ptot
¼ PICE þ Pnet

Ptot
ð15Þ

Table 7 shows the effect of EG load variation on the ORC-based
system performance. A few comments follow:

– The ICE flue gas temperature and ICE flue gas mass flow rate
decrease when the EG load decrease;

– The optimum working fluid mass flow rate for the ORC-based
systems decreases by decreasing the EG load, for the same value
of the superheating increment;

– In case of the working fluid R245fa, the evaporating pressure
33.3 bar and the expander inlet turbine temperature 179 �C lead
to maximum net output power of the ORC-based system;
– The heat flux absorbed in the evaporator decreases by decreas-
ing the EG load, which furthermore leads to lower maximum
output power and lower thermal efficiency for the ORC- based
system;

– Assuming the same lower heating value (LHV) of fuel, lower EG
loads lead to lower net power, lower fuel mass flow rate and
lower thermal efficiency of the ICE;

– The thermal efficiency of the combination ICE-ORC-based sys-
tem decreases as the EG load decreases.

– The thermal efficiency of the combination ICE – ORC-based sys-
tem increases with respect to the efficiency of the ICE operating
alone as follows: 6.00%, 5.85% and 5.91%, for the EG loads of
100%, 75% and 50%, respectively.

The design method proposed in this paper delivers design data
for a simple ORC configuration in case of waste heat recovery for an
EG operating at full load. The design data mainly involves optimum
operation pressures, temperatures, superheating degree, working
fluid mass flow rate and geometry of the heat exchangers that lead
to maximum net output power for a given working fluid
(R245fa, for instance). After designing the ORC system an analysis
is carried out in terms of variable EG loads, meaning variable heat
inputs. This means that the ORC system is build involving
fixed heat exchanger geometry, fixed pump and expander
configurations.

The results show that, for isentropic working fluids, there is an
optimum evaporation pressure and superheating degree that give
an optimum expander inlet temperature (point 3 in Fig. 10) for



Fig. 12. Expander power, net power and pump power for R245fa at different EG loads. (a) 100% EG load; (b) 75% EG load; (c) 50% EG load.

Table 7
Effect of EG load variations on ORC-based system performance (working fluid: R245fa).

Parameter Symbol Units 100% 75% 50%

ICE flue gas temperature tgin �C 477 407 327
ICE flue gas mass flow rate m_g kg/s 0.053 0.049 0.047
Optimum working fluid mass flow rate m_ref kg/s 0.06327 0.04653 0.03204
Superheating increment ΔTsup �C 30 30 30
Evaporation pressure Pev bar 33.3 33.3 33.3
Inlet expander temperature t3 �C 179 179 179
Heat flux absorbed in the evaporator Q_source kW 20.24 14.58 9.87
Maximum net power Pnet kW 2.456 1.769 1.197
Thermal efficiency of ORC-based system gth % 12.13 12.13 12.13
Lower heating value of fuel LHV kJ/kg 43,000 43,000 43,000
Net ICE power PICE kW 37.70 28.27 18.85
Fuel mass flow rate m_fuel kg/s 0.0021 0.0017 0.0013
Thermal efficiency of the ICE gICE % 40.4 38.6 33.4
Thermal efficiency of the combination ICE-ORC-based system gICE-ORC % 43.0 41.0 35.5
Increase of thermal efficiency 1� gICE

gICE�ORC
% 6.00 5.85 5.91
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an optimum working fluid mass flow rate that lead to maximum
net output power.

For a fixed configuration of the ORC system, and for optimum
evaporation pressure, when the EG is operating at partial load
and the mass flow rate is kept constant, the point 3 in Fig. 10 (cor-
responding to the expander inlet) is moving towards the dry satu-
rated curve. This means that the operation of the ORC system is not
in the optimum point and there is a risk for the working fluid to
enter the expander being in liquid phase. To avoid this, variable
speed pumps can be used to continuously adjust the value of the
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mass flow rate and keep the parameters of point 3 (mainly the
temperature and superheating degree) constant, leading (for each
value of the EG load) to optimum operation conditions (i.e. maxi-
mum net output power).

In this context the operational procedure outlined in this paper
has as an objective the maximum net output power for each value
of the EG load. This objective can be reached by adjusting the tem-
perature of the working fluid in point 3 of Fig. 10 (expander inlet)
to match the optimum superheating degree for the given fluid. The
optimum superheating degree can be changed to match the
required value by continuously changing the working fluid mass
flow rate.
6. Conclusions

This paper refers to a topic which is not very often treated in lit-
erature, namely recovering waste heat from the hot gases
exhausted by internal combustion engines (ICEs) driving electric
generators (EGs) a partial load. The topic is of particular interest
for developing countries where electric grids are underdeveloped
or even missing and electricity is generated locally by using classi-
cal fuels. The heat recovery system treated here is based on
Organic Rankine Cycles (ORCs). Isentropic working fluids are con-
sidered. A novel optimum design method is proposed for the ORCs
coupled with EGs operating at partial loads. Several conclusions
are emphasized next.

First, ORC-based systems coupled with ICEs operating at full EG
load are considered. A steady state model for waste heat recovery
based on energy balance equations is developed. The model is
tested against results reported in literature and good agreement
is found.

More specific results for operation at full EG load are as follows:

1. The maximum net output power for the particular cases studied
here is obtained for R141b (3.361 kW), followed by R123
(3.198 kW), R245fa (2.454 kW) and R600a (2.112 kW).

2. The optimum superheating increment ranges between 30 and
40 �C, depending on the type of working fluids.

3. A pinch point temperature difference (ΔTout) exits in the evap-
orator between the flue gas temperature and the working fluid
at the evaporator inlet.

4. The total area of the evaporator is very close to the total area of
the condenser, a fact which facilitates manufacturing.

5. The surface area of the preheater zone is about 75% of the total
surface area, while those of the boiler zone and superheater
zone are about 13.5% and 11.5%, respectively.

Second, the case of the ORC-based systems coupled with ICEs
operating at partial EG load is studied. The model is used in the
case of ORC-based systems driven by variable incoming heat flux
at the evaporator. Comparison with results reported in literature
shows good agreement.

The novel method for the optimum design of ORC-based sys-
tems operating in combination with ICE at partial EG loads starts
by determining the optimum evaporator pressure. Next, the geom-
etry of the evaporator and condenser is determined. Finally, the
operation of the ORC-based system in combination with ICE oper-
ating at partial EG load is considered. The solution is to optimize
the working fluid mass flow rate in order to obtain the maximum
net power. Once the ORC-based system is properly designed, its
performance, as well as the performance of the combination ICE
– ORC-based system, may be evaluated.

More specific results for operation at partial EG loads are as
follows:
6. The net output power may be maximized by optimizing the
working fluid mass flow rate. The optimum mass flow rate
changes when the EG is partially loaded. As an example, for
the case treated here, the optimum values are 0.06327 kg/s,
0.04653 kg/s and 0.03204 kg/s for the EG loads of 100%, 75%
and 50%, respectively.

7. When the ICE is coupled with an ORC-based system, the overall
thermal efficiency of the combined system, gICE-ORC, is higher
than the thermal efficiency gICE of the ICE operating alone. As
an example, for the case treated here, gICE-ORC is higher than
gICE, by 6.00%, 5.85% and 5.91%, for the EG loads of 100%, 75%
and 50%, respectively.

Acknowledgments

The authors gratefully acknowledge the support provided by
Executive Agency for Higher Education, Research, Development
and Innovation Funding of Romania [PN-II-PT PCCA-2011-3.2-
0059, Grant No.: 75/2012]. One author (MHKA) thanks the Ministry
of Higher Education of Iraq for financial support during the prepa-
ration of this work. The authors thank the reviewers for useful
comments and suggestions. The comments by one of the reviewers
concerning waste heat recovery by using ORC applications in Eur-
ope and usage of dry working fluids are particularly welcome.

Appendix A.

A.1. Energy balance equations and performance indicators

A.1.1. Process 1–2 (across pump)
The working fluid leaves the condenser as saturated liquid and

then it is pumped from state (1) to state (2) through an isentropic
ideal process, while to state (2r) actually (Fig. 4). The power con-
sumed by the pump can be expressed as [29,30]:

PP;actual ¼ PP; ideal

gP
¼ _mrefðh1 � h2Þ

gP
¼ _mrefðh1 � h2rÞ ðA1Þ

where Pp,ideal is the ideal power consumed by the pump, _mref is the
working fluid mass flow rate, ƞp is the isentropic efficiency of the
pump, h1 is the enthalpy of the working fluid at the inlet and h2s

and h2r are the isentropic and actual enthalpies of the working fluid
at the outlet of the pump, respectively, for the ideal case. Enthalpy
at state (1) is determined depending on two properties (as an exam-
ple, as a function of the temperature and pressure at state 1).

The procedure to estimate the working fluid properties is as fol-
lows. In each state, knowing the values of two properties is neces-
sary. They are used as input to obtain the values of other
properties, in the same state. The Engineering Equation Solver
(EES) [16] is used here for this purpose. The pressure of state 1
depends on the temperature and the quality of state 1. The quality
of state 1 is zero because the fluid is saturated. In the same way,
the specific entropy, specific volume, mass density and specific
enthalpy at state 1 can be obtained. The process 1–2 is isentropic,
meaning that the entropy at states 1 and 2 is the same. Now, one of
the properties of state 2 is known, but one needs another property
to obtain all of the properties of state 2. In the beginning, one esti-
mates the evaporation pressure, to calculate the temperature, mass
density, specific volume and specific enthalpy of state 2.

A.1.2. Process 2–3 (across evaporator)
The values of the evaporation pressure at states 2 and 3 are

equal: pev = p2 = p3. The specific enthalpy of state 2r can be calcu-
lated as a function of pump efficiency, as follows:



218 V. Badescu et al. / Energy Conversion and Management 139 (2017) 206–221
h2r ¼ h1 þ h2 � h1

gP
ðA2Þ

Depending on the specific enthalpy and evaporation pressure at
state 2r, the specific entropy and evaporation temperature (tev) can
be obtained. Also, the inlet expander temperature (state 3) can be
calculated as follows:

t3 ¼ tev þ Dtsp ðA3Þ
Here Δtsp is the superheating increment over the evaporation

temperature. Now the two parameters are known so, the specific
entropy, specific volume, mass density and the specific enthalpy
can be determined.

The process between states 3 and 4 is assumed to be isentropic.
Thus, the entropy of state 3 is equal to the entropy of state 4. Now,
the entropy and the pressure is known at state 4, because state 4
and state 1 have the same pressure (condensation pressure), and,
based on these parameters, one can determine the temperature,
specific volume, mass density and specific enthalpy in state 4.
The specific enthalpy of state 4r can be calculated depending on
expander efficiency, as follows:

h4r ¼ h3 � h3 � h4

gexp
ðA4Þ

Now one has information about all the processes in the ORC, but
information about the heat source is not known, except the inlet
flue gas temperature to the evaporator, which ranges between
289 and 477 �C, depending on the EG load. In the first step, the
ORC can be designed assuming full EG load (100%), where the flue
gas temperature is 477 �C and the flue gas mass flow rate is
0.053 kg/s [14].

The procedure is as follows. First, a minimum pinch point tem-
perature difference (ΔTpp) between Tgout and T2 to meet the gas
heat exchanger performance is assumed to be 100 �C. Next, the
minimum pinch point temperature difference is modified to keep
the flue gas temperature at the evaporator outlet more than
140 �C. This minimum threshold is used to avoid the formation
of sulphuric acid during gas flow due to the sulphur content of
the flue gas.

The heat exchange between the working fluid and flue gas may
be treated in two steps, as follows:

Step 1. Assume that the minimum pinch point temperature dif-
ference ΔTpp occurs between state 2 and Tgout, which means
Tgout = T2 + ΔTpp. This allows writing the following relationship,
which is coming from the energy balance associated with full evap-
oration and superheating of the working fluid:

_mref ¼
_mgCpg1ðTgin � TgoutÞ

ðh3 � h2Þ ðA5Þ

Here the specific heat Cpg1 is calculated according to the flue gas
composition, at the average temperature between Tgout and Tgin.

Step 2. Two other energy balance equations allow to determine
the flue gas temperature at the superheater outlet (TgV) and at the
boiler outlet (TgL), as follows:

TgL ¼ Tgout þ
_mrefðh20 � h2Þ

_mgCPg2
ðA6Þ

TgV ¼ TgL þ
_mrefðh300 � h20 Þ

_mgCPg3
ðA7Þ

Here the specific heats Cpg2 and Cpg3 are calculated at the aver-
age temperature between Tgout and TgL, and between TgL and TgV,
respectively.

Therefore, during the working fluid heating process 2–3, four
temperature differences exist between the flue gas and the work-
ing fluid: ΔTin = Tgin-T3, ΔTv = TgV-Tev, ΔTL = TgL-Tev and ΔTout = Tgout-
T2, respectively. It can be seen that ΔTout is the pinch point temper-
ature difference since it is the smaller temperature difference
among all four temperature differences.

A.1.3. Process 3–4 (across expander)
The working fluid energy is converted into useful mechanical

work in expander. The expander power is given by:

Pexp;actual ¼ Pexp;idealgexp ¼ _mrefðh3 � h4Þgexp ¼ _mrefðh3 � h4rÞ ðA8Þ

where Pexp,ideal is the ideal power of the expander, ƞexp the expander
isentropic efficiency, and h3 and h4r are the actual specific enthal-
pies of the working fluid at the inlet and outlet of the expander,
respectively.

The net ORC power Pn is calculated as:

Pn ¼ Pexp;actual � PP;actual ðA9Þ
The thermal efficiency is defined as the ratio between the net

ORC power and the incoming heat flux:

gth ¼ Pn

_Qsource

¼ Pexp;actual � PP;actual

_Qsource

ðA10Þ
A.1.4. Process 4–1 (across condenser)
During the working fluid cooling process 4–1, three tempera-

ture differences may be defined between the working fluid and
the coolant: ΔTcin = T1 � Twin, ΔTcm = T1 � Two and ΔTcout = T4 -
� Twout, respectively.

A.1.5. Overall ORC system
The following equations can be used to determine the heat flux

for the evaporator, superheater, boiler and preheater zone,
respectively.

_Qsource ¼ _mrefðh3 � h2Þ ðA11Þ

_Qsp ¼ _mrefðh3 � h3Þ ðA12Þ

_Qb ¼ _mrefðh3 � h2Þ ðA13Þ

_Qpr ¼ _mrefðh2 � h2Þ ðA14Þ
Also:

_Qsource ¼ _Qsp þ _Qb þ _Qpr ðA15Þ
Summation of heat fluxes for all zones equates the total heat flux for
the evaporator.

Appendix B.

B.1. Overall heat transfer coefficients and zone surface areas

B.1.1. Evaporator
In the evaporator, the working fluid R245fa flows in the inner

tube while the flue gas flows in the outer tube. This applies for
all the three zones of Fig. B1. Details follow about the computation
of the overall heat transfer coefficients and zone surface areas.

B.1.1.1. Superheater zone. For the working fluid side in the super-
heater part, the Reynolds number can be calculated as follows:

Reref;sp ¼ _mrefdi

Acreflref ;v
ðB1Þ

where the cross section surface area is given by:



Fig. B1. Geometry of the Evaporator.
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Acref ¼ pd2
i

4
ðB2Þ

If the flow is laminar (Re < 2300) and fully developed, the following
equation may be used to find the heat transfer coefficient [31]:

Href ;sp ¼ 4:36
Kref;v

di

� �
ðB3Þ

If 0.5 � Pr � 2000 and 3000 < Re < 5 � 106, the flow is turbulent and
the Gnielinski equation may be used [32]:

Href ;sp ¼
fref ;sp
8 ðReref;sp � 1000ÞPrref ;v

1:07þ 12:7 fref ;sp
8

� �0:5
Pr

2
3
ref;v � 1

Kref ;v

di

� �
ðB4Þ

where

fref ;s ¼ 1

ð0:79 lnðReref;spÞ � 1:64Þ2
ðB5Þ

For the flue gas side, the Reynolds number is given by:

Reg;sp ¼ _mgdh

Acglg;sp
ðB6Þ

where the equivalent diameter and the cross-section surface area
are given by, respectively:

dh ¼ ðd2 � d2
oÞ

do
ðB7Þ

Acg ¼ pd2
h

4
ðB8Þ

If the flow is laminar (Re < 2300) and fully developed, the heat
transfer coefficient may be computed by:

Hg;sp ¼ 4:36
Kg;sp

dh

� �
ðB9Þ

If Re > 4000 the flow is turbulent and the next relation may be
used:

Hg;sp ¼
fg;sp
8 ðReg;sp � 1000ÞPrg;sp

1:07þ 12:7 fg;sp
8

� �0:5
Pr

2
3
g;sp � 1

Kg;sp

dh

� �
ðB10Þ

where

fg;sp ¼ 1

ð0:79 lnðReg;spÞ � 1:64Þ2
ðB11Þ

The overall heat transfer between gases and working fluid may
be computed with:

Uoverall ¼ 1
1

Href
þ x

kt
þ 1

Hg

ffi 1
1

Href
þ 1

Hg

¼ 1
HrefþHg
Href �Hg

¼ Href �Hg

Href þHg
ðB12Þ
The wall thickness (x) is very small and the wall conductivity
(kt) is high. Thus, we may assume x/kt � 0.

Usage of Eq. (B12) gives the overall heat transfer coefficient Usp

in the superheater zone:

Usp ¼ Href;sp �Hg;sp

Href;sp þHg;sp
ðB13Þ

Then, usage of the energy balance equation yields the surface
area of the superheater zone:

Asp ¼
_Qsp

UspDTm;sp
ðB14Þ
B.1.1.2. Preheater zone. The overall heat transfer coefficient Upr and
the area of the preheater zone, Apr, are computed in a way similar
with that used for the superheater.

B.1.1.3. Boiler zone. For the working fluid side in the boiler zone, the
Nusselt number is expressed as [33]:

Nub ¼ ð1þ 1:8Xtt�0:87ÞNus:ph ðB15Þ

where Nus:ph is the single phase Nusselt number, which is defined by
the Dittus-Boelter correlation [31]:

Nus:ph ¼ 0:023Re0:8L Pr0:4L ðB16Þ
and Xtt is known as the Martinelli factor, which depends on the
quality x of the working fluid, as follows [33]:

Xtt ¼ 1� x
x

� �0:9 qv

qL

� �0:5 lL

lv

� �0:1

ðB17Þ

ReL in Eq. (B16) is the Reynolds number for the liquid in the mixture,
which can be expressed as:

Reref;b ¼ _mrefdið1� xÞ
Acreflref;L

ðB18Þ

Then, heat transfer coefficient in the boiler zone is given by:

Href;b ¼ Nub
Kref;L

di

� �
ðB19Þ

The heat transfer coefficient in the boiler zone is dependent on
the quality of the working fluid mixture (see Eqs. (B15)–(B19)). The
quality ranges from x = 0.01 to 0.99 along the boiler zone. The aver-
age heat transfer coefficient in the boiler zone is calculated as fol-
lows. The boiler zone is divided into fifty equal parts and for each
part the heat transfer coefficient is computed. The average value of
the heat transfer coefficient is computed as the arithmetic mean of
these fifty parts:
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Href;b ¼

X50
i¼1

Href ;b;i

50
ðB20Þ

On the flue gas side, the Reynolds number is given by:

Reg;b ¼ _mgdh

Acglg;b
ðB21Þ

If the flow is laminar (Re < 2300) and fully developed, the following
equation is used:

Hg;b ¼ 4:36
Kg;b

dh

� �
ðB22Þ

If Re > 4000 the flow is turbulent and the equation to be used is:

Hg;b ¼
fg;b
8 ðReg;b � 1000ÞPrg;b

1:07þ 12:7 fg;b
8

� �0:5
Pr

2
3
g;b � 1

Kg;b

dh

� �
ðB23Þ

where

fg;b ¼ 1

ð0:79 lnðReg;bÞ � 1:64Þ2
ðB24Þ

Then:

Ub ¼ Href;b � Hg;b

Href ;b þHg;b
ðB25Þ

Ab ¼
_Qb

UbDTm;b
ðB26Þ

where Ub and Ab are the overall heat transfer coefficient and the
area of the boiler zone, respectively.The total heat transfer area of
the evaporator, Ae, is obtained as follows:

Ae ¼ Asp þ Ab þ Apr ðB27Þ
B.1.2. Condenser
The processes that take place in the condenser begin in a dry

wall desuperheating zone, followed by a wet wall desuperheating
zone, then a saturated condensation zone and finally a liquid sub-
cooling zone. The condensation heat transfer coefficient is a strong
function of the local vapor quality, increasing as the vapor quality
increases [34].

In the condenser, the working fluid flows in the outer tube and
the cooling water flows in the inner tube. The condenser can be
subdivided into two zones, the desuperheater and the condensa-
tion zones, respectively, as shown in Fig. B2. Details for each zone
follow.
Fig. B2. Condenser
B.1.2.1. Desuperheater zone. For the cooling water side in the desu-
perheater zone at the outer tube, the Reynolds number is defined
as:

Rew;des ¼
_mwdh

Acglw;des
ðB28Þ

If the flow is laminar (Re < 2300) and fully developed, then the fol-
lowing equation may be used to compute the heat transfer
coefficient:

Hw;des ¼ 4:36
Kw;des

d

� �
ðB29Þ

If Re > 4000 the flow is turbulent and the equation to be used is:

Hw;des ¼
fw;des
8 ðRew;des � 1000ÞPrw;des

1:07þ 12:7 fw;des
8

� �0:5
Pr

2
3
w;des � 1

Kw;des

d

� �
ðB30Þ

where

fw;des ¼ 1

ð0:79 lnðRew;desÞ � 1:64Þ2
ðB31Þ

The condensation inside tube is a more complicated process,
since it is strongly influenced by the vapor velocity and the rate
of liquid accumulation on the walls of the tubes. For the working
fluid side in the inner tube for the heat exchanger, the Reynolds
number can be defined as follows:

Reref;des ¼
_mrefdixc

Acflref ;des
ðB32Þ

where lref ;des is the average value of kinematic velocity of working
fluid between T4 and Tev.

Two cases denoted below A and B are possible, depending on
fluid velocity.

A. Reref,des < 35,000

The Dobson & Chato correlation may be used [35]:

Href;des ¼ 0:555
gqLðqL � qVÞK3

ref ;des;Lhfgm

lref ;des;LðTsat � TpÞdi

 !0:25

ðB33Þ

where g is the gravitational acceleration, qL and qV are liquid and
vapor mass densities of the working fluid, respectively, Kref,des,L is
the thermal conductivity of the working fluid in liquid phase, lref,

L is the kinematic viscosity of the working fluid in liquid phase. Also,
the modified specific latent heat of evaporation (hfgm) is a function
of the specific latent heat (hfg) of the working fluid, as given in the
following equation:
representation.
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hfgm ¼ hfg þ 3
8
CPL ðTc � TpÞ ðB34Þ

Here CpL is the specific heat of the working fluid in liquid phase, Tc is
the saturation temperature of the working fluid, Tp is the surface
wall temperature.

B. Reref,des 	 35,000
The Boyko & Kruzhilin correlation may be used [36]:

Href ;des ¼ 0:021
Kref ;des;L

di

� �
Re0:8ref ;des;LPr

0:43
ref;des;L 1þ x

qL

qV
� 1

� �� �0:5
ðB35Þ

In the desuperheater zone, the overall heat transfer coefficient
Udes is expressed as:

Udes ¼ Href;des �Hw;des

Href;des þHw;des
ðB36Þ

and the area of the desuperheater zone is given by:

Ades ¼
_Qdes

UdesDTm;des
ðB37Þ
B.1.2.2. The condensation zone. The overall heat transfer coefficient,
Ucondensation, and the area of the condensation zone, Acondensation, are
computed in a way similar to that used for the desuperheater zone

The total heat transfer area of the condenser is obtained as
follows:

Acon ¼ Acondensation þ Ades ðB38Þ
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